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Abstract 
 

This investigation deals with the performance prediction of air conditioning unit. 

Theoretical and experimental studies were conducted to simulate the performance of vapor 

compression refrigeration cycle, using R-22 as a circulating refrigerant. The experimental 

work was carried out on an available air cooling unit which allows variation of different 

parameters such as air dry bulb temperature, flow rate and humidity affecting the operation 

conditions of the unit. The comparison between the predicted and experimental data of 

(COP), cooling load, compressor work and condenser load showed a very good agreement.  

Also a detailed design of finned tube evaporator heat exchanger coil in air 

conditioning unit was developed. Here, the vaporization and superheating portions of heat 

exchanger have been modeled separately to predict the exit air condition, dry bulb 

temperature and humidity content, at the leaving section of the cooling coil. The evaporator 

mathematical model showed a well agreement with the experimental data of this research. 

 

 

 
 
 ةـــــــلاصـالخ

ك تللإ راللداي كداظللة ءلديللة ه حمكيللة لمعاقللا   كاي يتعاملله الللا المعللل ملل  التءمللظ مللتكاي مءلهمللة تقييلل   ل للهاي  ل لل
( قملاع  ملكهد حملد المءلهملة  تلإ تءليلل الااءلي العمكلب لكمعلل ماظلتخكاإ 22-مءلهمة تمديك رءضغاطية ماظتخكاإ )فديله  

هعلك  تمديللك اللهاي متللهفد  هالتللب تظللمة متغييللد حللك  متغيللدا  لك للهاي مةلله كداللة عللداد  المصللكة الاافللة  معللكه التللكف  ه 
دطهمة هالتب تظةد حكل  الرلدهط الترلغيكية لكهعلك   ل لك ميءل  الم ادءلة ملي  ال ليإ العمكيلة ه الءلديلة تطلام  ايلك لمعامله ال

 الأكاي  عمه التمديك  رغه الضاغط هعمه المقة  
قللك تإ مءاي طدي ة تصميإ تلصيكية لكممخلدا  لا  الأءاميلي المنحءللة هالمظلتخكمة فلب مءلهملا  تمديلك ال لهاي  

ءا تإ ءملاة الممخد ممءط تي  مءلصكتي  ه المعدهفة ممءط تب التمخيد ه التعميص لكتءمظ معالة ال لهاي حءلك مغلاكد  مكل  ها
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1. Introduction 
 

The performance of the vapor compression refrigeration system (VCRS) was studied 

along time ago. However, still too many investigations are to be conducted in order to resolve 

any problem arises during operation of these systems. Stoecker (1971) 
[1]

 developed a 

thermodynamic cycle computer program to predict the steady state performance of a thermal 

system. This work produced the performance of the overall system and the influence of each 

component of the system on its performance. Domanski and Didion (1983) 
[2]

 developed a 

general computer model for the simulation of steady state performance of a split residential 

air to air heat pump equipped with a capillary tube. This model was verified against three heat 

pump systems in the cooling mode and one in both cooling and heating modes covering the 

whole range of heat pump operating conditions. Hamilton and Miller (1990) 
[3]

 presented a 

general steady state model for simulation an air conditioning system. The model depends on 

the individual component constitutive equation for mass and heat transfer. The work was 

valuable to air conditioning system original equipment manufacturing since the system design 

can be generated quickly by specifying various coils, compressor, condenser, capillary tubes 

and evaporator. Many other investigators dealt with the prediction of thermal design of the 

refrigeration system such as Hussain (1998) 
[4]

 and Thamer (2003) 
[5]

. None of these 

researches presented the thermal design of the cooling coil in full description from the 

elementary thermal design point of view. 

The present research expresses the following points in a suggested mathematical model: 
 

1. Thermodynamic properties formulation of refrigerant were estimated by Martin and Hou 

(1995) 
[6]

 for R-22 together with thermo physical property formulation established by 

ASHRAE (1997) 
[7]

. 

2. The ideal and actual coefficient of performance of the system will be predicted depending 

on the calculation mode developed by the suggested scheme. 

3. Thermal design of the cooling coil, evaporator, will be accomplished to predict the 

conditioned air condition out of the cooling unit including the effect of the presence of 

humidity with air stream. 

4. Taking into account the effect of changing of the environment conditions such as dry bulb 

temperature and humidity on the above parameters. 

 

2. Experimental Work and Results   
 

The tests were conducted on an available laboratory air cooling unit, as shown in 

Fig.(1). This unit was suitable for altering the air condition before passing through the cooling 

coil, evaporator. The dry bulb temperature and moisture content handled by the air may be 

changed by using the electric heater, Fig.(1) and steam diffuser. A schematic diagram of the 

plate finned tube evaporator of the cooling unit is shown in Fig.(2). The evaporator 

characteristic basic design, detailed dimensions of its geometry and physical features are 

listed in Table (1). 



Journal of Engineering and Development, Vol. 11, No. 1, March (2007)                 ISSN 1813-7822 

 

 171 

 

Figure (1) Schematic diagram of the test apparatus 
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Figure (2a) General heat exchanger dimensions 

 

 
 

Figure (2b) Layout of heat exchanger geometry parameters 

 
Table (1) Base case evaporator characteristics 

 

Characteristic Evaporator 

Tube spacing in direction parallel to air flow (mm) 15.857 

Tube spacing in direction normal to air flow (mm) 25.4 

Height of the evaporator (cm) 15.24 

Width of the evaporator (cm) 26.5 

Depth of the evaporator (cm) 4.776 

Number of rows 3 

Number of parallel circuits 6 

Number of evaporator tubes/circuits 1 

Tube inner diameter (mm) 8.865 

Tube outer diameter (mm) 9.525 

Number of fins/inch (FPI) 8 

Fin thickness (mm) 0.1524 
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The tests were conducted at various conditions of air at the inlet to the cooling coil 

including dry bulb temperature and humidity contents. The tests may be divided into two 

categories as follows: 

i. Sensible condition only in which the cooling process was performed without adding of 

moisture to the air stream prior to cooling coil as shown in Table (2). 

ii. Humidification and cooling process in which the cooling mode was accomplished by 

adding of moisture to the air stream before passing through the cooling coil, Table (2). 

 
Table (2) The range of experimental work of the air side of cooling unit 

 

Set Number 
Air Mass Flow 

Rate (kg/hr) 

Entering Air Temp. 

Range (Tcd/Tcw) 

Cooling Load 

(kW) 

Sensible (1) 169  -  174 24/14   -   52/24 0.7  -  1.6 

Sensible (2) 177  -  180 28/17   -   46/23 0.95 -  1.5 

Sensible (3) 169  -  173 33/21   -   58/28 1.0  -  1.75 

Sensible (4) 215  -  220 30/18   -   47/24 0.96 -  1.4 

Humidification (5) 159  -  162.5 30/18   -   51/28 1.1  -  2.1 

Humidification (6) 230  -  235 32/20   -   45/30 1.1  -  1.9 

Humidification (7) 205  -  210 34/21   -   53/30 1.0  -  2.1 

 
The above notations refers to the air condition before passing the evaporator and do not 

describe the cooling process of air as it passes the coil. However, the tests include latent and 

sensible loads of the air due to the change in its temperature and humidity contents. 

Table (3) shows a sample of the experimental data obtained for set no.(1) and set no.(7) 

conducted at the lower and upper limits of dry bulb and wet bulb temperatures with quite 

moderate levels of air mass flow rates used during the range of tests. More detailed 

description of tests conducting procedure is presented by Shehhab (2005) 
[8]

. 

 
Table (3a) Experimental data for sensible cooling test at various entering air 

temperature for set no.(1), see Fig.(1) for refrigerant side condition 
 

Test 

No. 

T1 

(C˚) 

T2 

(C˚) 

T3 

(C˚) 

T4 

(C˚) 

Pc 

(bar) 

Pe 

(bar) 

Tad 

(C˚) 

Taw 

(C˚) 

Tcd 

(C˚) 

Tcw 

(C˚) 

Tod 

(C˚) 

Tow 

(C˚) 

(1) 54.1 27.7 6.9 10 12.8 4.5 23.9 14.3 23.9 14.3 10.5 8.5 

(2) 57.3 28.9 8.1 12.3 13.2 4.66 23.9 14.3 29.8 16.8 15 10 

(3) 60.6 30.1 9.1 14.0 13.8 4.8 23.9 14.3 34.7 18.8 18 11 

(4) 61.6 31.2 10.6 16.3 14.25 5.1 23.9 14.3 39.9 20.4 22 11.8 

(5) 62.8 32.3 12.0 18.1 14.6 5.3 23.9 14.3 46.0 22.5 25.8 12.7 

(6) 63.8 33.4 13.7 19.7 14.95 5.66 23.9 14.3 51.8 23.8 29.3 13.5 
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Table (3b) Experimental data for humidification and cooling process  
at different dry bulb temperature and specific humidity of air,  

see Fig.(1) for refrigerant side condition 
 

Test 

No. 

T1 

(C˚) 

T2 

(C˚) 

T3 

(C˚) 

T4 

(C˚) 

Pc 

(bar) 

Pe 

(bar) 

Tad 

(C˚) 

Taw 

(C˚) 

Tcd 

(C˚) 

Tcw 

(C˚) 

Tod 

(C˚) 

Tow 

(C˚) 

(1) 77.8 46.5 17.7 21.2 18.1 4.7 34 21 34 21 19 15.5 

(2) 80 49.1 19.6 22.7 18.7 4.9 34 21 37.6 23.1 22 16.6 

(3) 84.1 51.2 20 24.3 19.1 5.1 34 21 41.1 25.2 25 18 

(4) 86.3 53.2 22.1 27.2 19.7 5.3 34 21 44.6 27 27.9 19.6 

(5) 88.1 56.8 25.4 30.1 20.4 5.5 34 21 49 28.7 32 21 

(6) 90.2 58.5 28.3 33.4 20.9 5.8 34 21 53.1 30.4 33.8 22.2 

 
3. Theoretical Assessment 

 

3.1 Refrigerant Side  

A standard vapor compression refrigeration cycle is shown in Fig.(3) on the (p-h) 

diagram. The refrigeration load of the cycle is estimated by: 

 

)TT(cpm)hh(mQ
44gr34revap   ……………………………………….. (1)  

 

And the condensing load of the condenser is represented as: 

 

)TT(cpm)hh(mQ 22r21rcond   ………………………………………… (2)   

 

For such cycle, the compressor work is written as: 

 

)hh(mW 41rcomp  …………………………………………………………... (3) 

 

The above equation gives the performance index defined as coefficient of performance 

(COP) in the form: 

 

)hh(

)hh(
COP

41

34




 ………………………………………………………………. (4) 
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Figure (3) Standard vapor compression refrigeration cycle (p-h) diagram 

 
3.2 Air Side 

The total heat removed from the air stream passing through the cooling coil, evaporator, 

is estimated by: 

 

evapinletexitaevap )hh(mQ  …………………………………………………….. (5) 

 

The air enthalpy depends on the air condition, dry bulb temperature and wet bulb 

temperature at the considered position with respect to the evaporator. The sensible load 

removed from air is estimated from: 

 

evapinletexitHumasen )TT(cpmQ   …………………………………………….. (6a) 

 

The humid heat of the humidified air consists of two components of the dry air specific 

heat and the vapor specific heat in the form: 

 

wcpcpcp gaHum  …………………………………………………………. (6b)    

 

Its value is in the range between (1.013) and (1.026) for most of the air conditioning 

practical applications. 

And the latent load part from: 

 

2501)ww(mQ exitinletalat  ……………………………………………….. (6c)  

 

The summation of the individual parts of cooling load, eq.(6) will produce the 

evaporator load (Qevap) as well. 

Some considerations must be made for the dehumidification process taking place on the 

cooling coil surface as the moist air passes. The specific heat of air is corrected to account for 

condensation. Because the air flowing over the evaporator is cooled below the dew bulb 

temperature, some of the heat is rejected by the air results in condensing water out of the air 
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rather than lowering the temperature, as shown in Fig.(3). The total enthalpy change of the air 

is represented by: 

 

latsentot hhh  …………………………………………………………. (7a) 

 

T

h

T

h

T

h latsentot














…………………………………………………………. (7b) 

 

T

h
cpcp lat

Humeff



 ………………………………………………………….. (7c) 

 

Salder (2000) 
[9]

 showed experimentally that the latent enthalpy accounts for about 25% 

of the total enthalpy change for air flowing over an evaporator in residential applications. 

Therefore, the following form may be deduced for the effective air enthalpy 

 

Humeff cp33.1cp  ………………………………………………………………. (8) 

 

This expression will be used whenever it is suitable for cooling coil performance 

prediction in this research. 

 

4. Evaporator Performance Prediction 
 

The analysis of the evaporator designed will depend on the actual process takes place on 

both refrigerant and air sides. On the refrigerant side, two zones may be observed; they are the 

saturation vaporization and superheating stages, as shown in Fig.(4). These processes are 

accomplished by changing of the air conditions it passes through the cooling coil. 

 

 
 

Figure (4) Thermal diagram for general case of coil surface  
operates partially dry 
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4.1 Refrigerant Side Heat Transfer Coefficient 

The heat transfer coefficient between the refrigerant and tube wall in the two phase flow 

region in evaporator is obtained with a compilation of theories and experiments, using the 

Lockart-Martinelli parameter (1949) 
[10]

. The correlation of the local heat transfer coefficient 

is: 

 

h)
Xu

1
(Ch

n

r   ………………………………………………………………. (9a) 

 

where, the single phase heat transfer coefficient is estimated from: 

 

4.08.0
)(Pr))(Re

d

k
(023.0h 


  ……………………………………………….. (9b) 

 

9.05.01.0
)

x

x1
()()(Xu









 

 

 …………………………………………………... (9c) 

 







i

r

d

m4
Re  …………………………………………………………………... (9d) 

 






k

cp
Pr


 …………………………………………………………………… (9e)  

 

The constants (C) and (n) depend on operation conditions. In horizontal pies, with 

commonly used refrigerants 
[10]

 where for turbulent flow C=3.5 and n=0.45. 

In the superheating zone, the equation for single phase flow heat transfer coefficient is 

the Dittus-Boelter (1973) 
[11]

, eq.(9.b) may be used with using the vapor properties and 

parameters. 

 

4.2 Air Side Heat Transfer Coefficient  

The work of McQuiston (1988) 
[12]

, was used with some modification to evaluate the air 

side convective heat transfer coefficient for plate fin heat exchanger with multiple rows of 

staggered tubes, as shown in Fig.(2). The heat transfer coefficient is based on the Colburn     

j-factor which is defined as: 
 

3/2
(Pr)Stj   

 

Which gives: 

 

3/2

maxa
a

(Pr)

Gjcp
h  ………………………………………………………………… (10) 

 

where: 
min

a
max

A

m
G   
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and the minimum flow area as: 
 

)dtpcNH)(FPt1(A ocmin   

 

McQuiston found that the j-factor for four row finned tube heat exchanger fits a linear 

model based on the parameter (JP), where: 

 

06E325.1JP2675.0j4   …………………………………………………. (11a)                                

 

15.0

t

o4.0

d )
A

A
()(ReJP

 ………………………………………………………. (11b) 

 

In which the Reynolds number is based on the outside diameter of the tube, do, and the 

maximum mass velocity Gmax. The heat transfer coefficient for heat exchanger with four or 

less rows can be found using the following correlation: 

 

2.1

aL

2.1

aL

4

n

))(Re4)(1280(1

))(Ren)(1280(1

j

j







 ………………………………………………….. (12) 

 

(ReL)a is based on the row horizontal spacing XL 
 

a

Lmax
aL

XG
)(Re


  

 

The modification suggested in this work concerns the moist air properties especially, the 

specific heat of the humid
 
air used in eq.(10), Shehhab 

[8]
. The idea of eq.(7c) is applied 

whenever it is required for the prediction of the moist air side heat transfer coefficient for the 

thermal design of the evaporator. This suggestion is incorporated in a computer program built 

for this purpose in this investigation.
 
 

 

4.3 Overall Heat Transfer Coefficient 

The overall heat transfer coefficient, U, neglecting the wall resistance and the fouling 

resistance on both sides of the heat exchanger, may be estimated from the following 

 

1

rraas

]
Ah

1

Ah

1
[UA




  ……………………………………………………. (13a) 

 

where: 
 

aarr AU

1

AU

1

UA

1
    

 

)1(
A

A
1 f

o

f
s  ………………………………………………………… (13b) 
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)mr(

)mrtanh(

e

e
f




  ……………………………………………………………. (13c) 

 

McQuiston 
[12]

 analyzed hexagonal fins and show that, they could be treated like circular 

fins by replacing the outer radius of the fin with an equivalent radius 
 

2/1e )3.0(27.1
r

r
  

 

The coefficients ψ and β are defined as: 

 

r2

XT ………………………………………………………………………. (14a) 

 

2/1

2

T2

L

T

]
4

X
X[

X

1
 ………………………………………………………. (14b) 

 

The parameter (m) may be calculated from: 

 

)
kt

h2
(m a ……………………………………………………………………. (14c)                                          

 

And for circular tubes, the parameter    is defined as: 

 

)]
r

r
ln(35.01][1

r

r
[ ee  ………………………………………………….. (14d) 

 

4.4 Air Exit Dry Bulb Temperature Estimation 

The theoretical part concerning the evaporator thermal design is based on the prediction 

of the exit air temperature and humidity for any specified entering air condition. Referring to 

Fig.(4), the total heat rejected from the hot fluid (air) in the superheating zone can be 

estimated by: 

 

)hh(mQ
44rsup  …………………………………………………………… (15) 

 

In this region, the air side exit dry bulb temperature leaving the cooling coil is (To) and 

may be calculated from: 

 

Huma

sup

cdo
cpm

Q
TT   …………………………………………………………... (16) 

 

where: (Tcd) is the inlet air dry bulb temperature to the evaporator. The outlet temperature (To) 

from the superheating zone is considered to be as the inlet air temperature to the vaporization 
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zone. The total heat rejected from this zone is (Qevap) and can be calculated from the following 

equation: 

 

)hh(mQ 34revap   ………………………………………………………… (17) 

 

And the exit air temperature from the vaporization zone is estimated by: 

 

Huma

evap

ood
cpm

Q
TT   …………………………………………………………... (18) 

where, (Tod) represents the outlet air dry bulb temperature from the cooling coil, evaporator. 
 

The area required for each portion, superheating and vaporization was calculated in a 

numerical technique including iteration procedure for which energy balance and mass balance 

of vapor content was proved. This procedure was incorporated in the computer program built 

for this purpose. 

 

5. Results and Discussion 
 

For this purpose, the results of the experimental work of set number (4) and (5) are used 

for the performance prediction. These sets are chosen to show the capability of the theoretical 

model presented in this work in response to the effect of the presence of humidity on its 

prediction. That is the moisture content of air of set no.(4) is lower that that of set no.(5). In 

other words, the latent load of set no.(4) is lower than that of set no.(5). 

 

5.1 Sensible Load 

A comparison between the experimental and theoretical prediction of sensible load 

portion is shown in Figs.(5a) and (5b) for sets no.(4) and (5) respectively. The results showed 

that the comparison has the same trend for both experimental and theoretical values. The 

discrepancy between these values is varied between (0.06 and 0.14 kW) for the whole range 

of the tested air inlet temperature of set no.(4), Fig.(5a). While, the corresponding deviations 

percentage between the predicted and measured data are (5%) and (12%) for the whole range 

of test temperature of set no.(5), Fig.(5b). The deviation percentage is defined as: 

 

100
edictedPr

ActualedictedPr
% 


  ……………………………………………... (19) 

 

And the discrepancy is defined as the absolute difference between any two variables at 

the same conditions. These curves of Fig.(5) show that increasing of the inlet air dry bulb 

temperature to the cooling coil exhibits an improvement to the sensible load due to the 

increasing value of the potential temperature difference across the cooling coil of the unit. 
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(a) Sensible cooling test 
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(b) Humidification cooling test 

 

Figure (5) Comparison between experimental sensible load  
with the predicted value of the present model 

 
5.2 Latent Load 

The results of the experimental data and theoretical values are shown in Fig.(6). The 

maximum error in the load estimation for set no.(4) occurs at inlet air temperature of (331 K) 

corresponds to (0.05 kW). The deviation value for set no.(5) occurs at (324 K) and 

corresponds to a value of (0.14 kW). The latent load represents the rate of vapor condensation 

out of the air stream which depends on the cooling criteria of the air to a temperature below 

its original dew point. Further, condensation takes places whenever the air stream comes into 

contact with a cold surface at a temperature below of its entering dew temperature. The 

cooling coil showed a capability of increasing the rate of condensation, latent load, as the 



Journal of Engineering and Development, Vol. 11, No. 1, March (2007)                 ISSN 1813-7822 

 

 182 

humidity content of air was increased, as shown in Fig.(6). The trend of the experimental and 

theoretical data concluded that a maximum latent load can be approached, where any increase 

of the humidity contents will not produce any increase of the latent load due to the limitation 

capacity of the cooling coil. That is for any specified design of the cooling unit, there is an 

optimum value for the condensation rate which can be withdrawn out of the air stream 

passing the cooling coil for a given condition. 
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(a) Sensible cooling test 
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(b) Humidification cooling test 

 

Figure (6) Comparison between experimental latent load  
with the predicted value of the present model 
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5.3 Total Refrigeration Load 

The total refrigeration load of the above sets predicted by the model is compared to the 

actual data in Fig.(7). Again, the results showed that the predicted values are very close at low 

entering air temperature compared with a difference at (306 K) and (303 K) for sets (4) and 

(5) corresponding to (0.07 kW) and (0.08 kW) respectively. These values increase to        

(0.18 kW) and (0.28 kW) at (331 K) and (324 K) for sets (4) and (5) respectively. It is 

obvious that the trend of the curves of both of the model and tests is the same. This behavior 

shows that increasing of the entering air dry bulb temperature reveals an increase of the total 

cooling load of the refrigeration system. This of course is due to the increase of both sensible 

and latent loads as described above. For comparison, the experimental data showed that the 

total load of set no.(5) was higher than that of set no.(4) for entering air temperatures of    

(305 K) and (320 K) by (21 %) and (35 %) respectively. 
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(a) Sensible cooling test 
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(b) Humidification cooling test 

 

Figure (7) Comparison between experimental total load  
with the predicted value of the present model 
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5.4 Compressor Work 

The compressor work (actual, estimated and ideal) for the above sets is shown in 

Fig.(8). The actual and estimated values for set no.(4) show a slight difference for the range of 

temperature between (306 K) and (331 K), although they show almost the same trend. The 

ideal work reveals lower values of compressor work than those of actual and estimated 

values. 

For set no.(5), the results show a smooth behavior of all curves for actual, estimated and 

ideal compressor work. The discrepancy between the estimated and actual values ranges 

between (0.08 hp) and (0.23 hp) for temperature ranges between (303 K) and (324 K) 

respectively. Again, the ideal values are lower than those of the actual and predicted work, its 

value ranges between (0.2 hp) and (0.35 hp) for the whole range of temperature tested 

between (303 K) to (324 K) respectively. On the other hand, the corresponding values of the 

estimated and actual work are (0.3-0.7 hp) and (0.2-0.5 hp) respectively. 

When both results of set no.(5) and set no.(4) are compared at an inlet air dry bulb 

temperatures of (305 K) and (320 K), the compressor work of set no.(5) was higher than those 

of set no.(4) by (46 %) and (60 %) respectively. This of course was because of the higher 

cooling load of set no.(5) than that of set no.(4). The curves showed that increasing the 

entering air temperature causes an increase of the compressor work was due to cooling load 

increase. 
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(a) Sensible cooling test 
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(b) Humidification cooling test 

 

Figure (8) Comparison between experimental and predicted work  
of compressor with the value of the present model 

 
5.5 Coefficient of Performance (COP) 

Figure (9) shows the actual, estimated and ideal coefficient of performance for sets (4) 

and (5). The actual and estimated values for set no.(4) showed a slight difference for the 

temperature ranging between (306 K) and (331 K) although they show almost the same trend. 

The difference between actual and estimated values when compared with the ideal value 

shows a discrepancy ranging between (3.5) and (9.3) for the above temperature range. 

For set no.(5), the (COP) curves of all of types, actual, estimated and ideal show smooth 

behavior. The discrepancy between the estimated and the actual values ranges between (0.5) 

and (0.7) for the temperature ranging between (303 K) and (324 K) respectively. Again, the 

ideal (COP) values which are higher than those of the actual and predicted coefficient of 

performance was about (7) for the whole range of air inlet temperature to the cooling coil. On 

the other hand, the corresponding values of the estimated and the actual (COP) are (6.3-4.8) 

and (6.8-5.5) respectively. 

The results of set no.(5) and set no.(4) showed that increasing of the entering air 

temperature to the cooling coil led to a reduction in the coefficient of performance in spite of 

the total cooling load increase. This was as a result to the fact that although the compressor 

was increased as the load increased, but it has a percentage rate higher than that of load 

increase. Both sets exhibited almost equal (COP) range between (7) and (5.5) for the cooling 

unit for temperatures of (305 K) and (325 K) respectively.  
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(a) Sensible cooling test 
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(b) Humidification cooling test 

 

Figure (9) Comparison between experimental and predicted (COP)  
with the ideal value of the present model 
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6. Conclusion 
 

The findings which can be withdrawn from this study can be summarized as follows: 

 The experiments conducted in this study showed the rapid response of the cooling unit 

performance to any variation of the environment conditions. Increasing of the entering air 

dry bulb temperature and humidity contents produces an increase of the total load and 

compressor work of the cooling unit by different proportional. For a given air 

temperature, the coefficient of performance (COP) was not affected greatly by the 

humidity content variation. But for a given air condition, temperature and humidity 

content, the (COP) showed a reduction with increasing of the entering air temperature. For 

a specified thermal and mechanical design of an air conditioning system, there is a limit 

for the cooling capacity, sensible and latent, where could not be overcome. 

 The theoretical model and computer program built for this study showed a high reliability 

in application for the prediction of the exit air condition as the evaporator entering air 

condition, temperature and humidity content varies. The predicted values of cooling load, 

compressor work and coefficient of performance agreed well with the experimental data. 
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Nomenclature 
 

A:   Surface Area (m2) 

Amin:   Minimum Flow Area (m2) 

C:  Constant Defined in eq.(9.a) 

cp:  Specific Heat (kJ/kg.K) 

cpeff:  Effective Specific Heat (kJ/kg.K) 

cpHum:  Humid Heat (kJ/kg.K) 

FP:  Fin Pitch (m) 

G:  Mass Velocity (kg/m2 s) 

h:  Enthalpy (kJ/kg) 

:h   Heat Transfer Coefficient (W/m2 K) 

H:  Heat Exchanger Height (m) 

m:  Mass Flow rate (kg/s) or Constant 

Nc:  Number of Parallel Circuits 

Pr:  Prandtle Number (Dimensionless) 

Qevap:  Evaporator Capacity (kW) 

Qcond:  Condenser Heat Rejected (kW) 

r:  Outside Tube Radius (m) 

re:  Equivalent Radius (m) 

Re:  Reynolds Number (Dimensionless) 

St:  Stanton Number (Dimensionless) 

t:  Fin Thickness (m) 

T:  Temperature (C˚) 

tpc:  Tubes per Circuit (Dimensionless) 

U:  Overall Heat Transfer Coefficient (W/m2 K) 

w:  Specific Humidity of Air (kg. steam/kg d.a.) 

Wcomp:  Compressor Work (kW) 

x:  Quality (Dimensionless) 

XL:  Longitudinal Tube Spacing (Parallel to Air Flow), (m) 



Journal of Engineering and Development, Vol. 11, No. 1, March (2007)                 ISSN 1813-7822 

 

 189 

XT:   Transverse Tube Spacing Normal to Flow, (m) 

Xu:   Lochart-Martinelli Parameter (Dimensionless) 

Δh:   Enthalpy Change (kJ/kg) 

 

Greek Symbols 
 

ε:   Deviation Percentage  (Dimensionless) 

  :   Fin Parameter Defined by eq.(14.d), (Dimensionless) 

β:   Fin Parameter Defined by eq.(14.b), (Dimensionless) 

μ:   Dynamic Viscosity (kg/m.s) 

ω:   Heat Exchanger Width (m) 

ρ:   Density (kg/m3) 

ηf:   Fin Efficiency Defined by eq.(13.c), (Dimensionless) 

ηs:   Surface Efficiency Defined by eq.(13.b), (Dimensionless) 

ψ:   Fin Parameter Defined by eq.(14.a), (Dimensionless) 

 

Subscript 
 

a:   Air 

comp:  Compressor 

cond:   Condenser 

d:   Dry Bulb 

e:   Entering or Equivalent 

eff:   Effective 

evap:   Evaporator 

g:   gas or Vapor 

i:   Inside or Inlet 

 :   Liquid 

lat:   Latent 

max:   Maximum 

min:   Minimum 

o:   Outside 

r:   Refrigerant 

sen:   Sensible 

sup:   Superheating 

tot:   Total 

w:   Wet Bulb  

 
 

     


